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a b s t r a c t

A finite difference procedure to solve the Reynolds’ and energy equations for the pressure and

temperature distribution across the film is described. The film temperature takes viscosity variation and

hot oil carryover into consideration. A coupled finite element method using ANSYS determines the

important pad deformation. Torques for pad positions 1and 2 are calculated. The angular stiffness pertaining

to the 2–1 pair is calculated for 0.5–20% variation of ho. The values of Kt
n converge asymptotically. The novel

interpolation of a single pad’s angular stiffness results to determine the characteristics of the bearing are

highlighted. Unlike in earlier studies this analysis is helpful in understanding the factors causing pad flutter

and dynamics of the bearing elements in hydrogenerators.

& 2011 Elsevier Ltd. All rights reserved.

1. Introduction

Large hydroelectric generators are usually designed as vertical
axis machines with the generator above a hydraulic turbine. The
rotating parts and hydraulic load are supported by a thrust bearing.
To design tilting pad thrust bearings compatible with the given
operating conditions, performance characteristics such as load capa-
city, film thickness, stiffness coefficients, among others are to be
determined as in [1]. Investigations on the angular stiffness char-
acteristics of a centrally pivoted-pad oil film for thrust bearings are
very scarce to date. The review of literature in [2] shows that there is
also a paucity of data related to the oil film of an offset pivot bearing
in the fully flooded mode. The purpose of this study is to develop fast
computational routines in order to evaluate the angular stiffness of
the film. A novel method to find the angular stiffness of a bearing
based on the values of only one rectangular pad is formulated.
Table 1 lists the geometry, operating conditions and oil properties of
the bearing for which the torsional coefficients are being determined.
The pad material properties are also listed. The measurement and
predictability are key problems to be solved in order to develop good
rotor models. To develop better bearing models it is essential to
understand the rotor displacement and bearing forces. The object of
the design is to ensure and predict equilibrium of the pad taking into
account the restoring forces under variation in film thickness. Also
the aim and significance of determining the film torsional and axial

stiffness of all the pads in the bearing by interpolating the values
obtained from one single pad is discussed.

Khonsari [3] emphasized the importance of thermal effects in
fluid-film bearings. The contributions made by researchers were
reviewed with an extensive literature survey conducted on the
thermal effects in hydrodynamic bearings. It was showed that
THD problems can be handled accurately and that computerized
bearing designs can be performed. Heshmat and Pinkus [4]
showed how a correct bearing performance analysis depends on
the accuracy of the oil film temperature prediction at the inlet of a
thrust pad. The concepts of flow and heat balances were utilized
for predicting the temperature of the oil at the inlet. Experiments
showed that 70–90% of the heat generated in a thrust pad entered
the next pad and the hot lubricant adhered to the runner in the
cavitation zone. Procedure and formulae for calculating the inlet
temperature of thrust and journal bearings were described.
Nanavati and Fadke [5] showed how the oil temperature of an
anti friction thrust bearing assembly for a vertical generator is
important as the fatigue life depends on it. Using digital compu-
ters a finite difference method based thermal analysis across the
bearing assembly was presented. The theoretical oil temperature
(obtained by the computation method) was compared with the
measured values experimentally.

Jeng and Szeri [6] calculated the linear stiffness and damping
coefficients of pivoted pads. Both these parameters were strongly
influenced by the degree of crowning. To simulate pad deforma-
tion under the combined hydrodynamic and thermal loading,
spherical crowning was employed. Numerical solutions for the
thermo elasto-hydrodynamic lubrication of a tilting pad based on
the three-dimensional flow of a lubricant were obtained by Yang
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and Rodkiewicz [7]. For elastic deformation, the pad is idealized
as a uniform plate with free boundary so that a conventional
finite difference method displacement establishes the coefficient
matrix. The generalized Reynolds’, film thickness, inlet pressure,
the force and momentum balance equations of the pad are solved
simultaneously for the pressure distribution. The finite difference
method is carried out with the help of a sweeping scheme to
obtain the temperature distribution. For the performance of a
large thrust bearing, Sinha et al. [8] provided a realistic simulation

of the Reynolds’ equation when the film thickness is unknown
and the center of pressure is known together with the energy and
the bending equations. The resultant film shape of the thrust pad
is determined by the thermo-elastic analysis. Glavatskih et al. [9]
conducted an experimental and theoretical investigation into the
effect of oil thermal properties on the functioning of a tilting pad
thrust bearing. Poly-a-olefin oil, ester and mineral oil were chosen
for the study. They were so chosen because they had the same
viscosity grade (ISO VG46) but different heat capacity, viscosity
variation with temperature and thermal conductivity values.
Experimental results were obtained from an equalizing tilting
pad thrust bearing. A three dimensional theoretical TEHD model
was used to analyze the oil performance. The active pad displace-
ments due to temperature and pressure fields were determined.
The theoretical and experimental data were compared and
analyzed in terms of inlet and outlet film thickness, bearing
operating temperature and power loss.

Kurban and Yildrim [10] analyzed the hydrodynamic behavior
of thrust bearings by considering different dimensionless system
pressure, speed and geometry of the bearing. The elastic load due
to elastic deflection was taken into account as the load-bearing
characteristics were included. The general behavior of the thrust
bearing was analyzed using a proposed neural network predictor.
The result gave superior performance for analyzing the behavior of
a thrust bearing undergoing elastic deformation. Markin et al. [11]
applied a Finite-element method (FEM) modeling to analyze the
performance of hydrodynamic tilting-pad thrust bearing assem-
blies. A three dimensional model of the bearing assembly was used
to assess the influence of operating conditions on bearing para-
meters such as temperature across the pads. The model was first
applied and the results were compared with those of experiments
carried out on a spherically pivoted-pad. Good correlation was
found between the model and experimental results for maximum
oil film temperature, pressure distribution and thickness. The effect
of different oil types on a spring-supported thrust bearing was
analyzed. Application of the model to investigate the same spring-
supported pad, with a resilient surface coating, was also discussed.

Nomenclature

a oil film shape parameter, (ho�hi)/ho

a0 new values of ‘a’ making % change in ho

b length of the bearing, m
ho oil film thickness at the trailing edge, m
hi oil film thickness at leading edge, m
i index of the node in radial direction
j index of the node in circumferential direction
m number of the nodes on the grid in radial direction
n number of the nodes in circumferential direction

coordinate along n-axis
p pressure in the oil film, Pa
r radial coordinate, m
ro outer radius of bearing, m
B thrust segment circumferential length, m
CP center of pressure
Di inner diameter of the thrust bearing, m
Do outer diameter of the thrust bearing, m
E& heat dissipation rate in the oil film, per unit area, W/m2

GP gap between the pads, m
H non-dimensional film thickness, h/ho

Kt angular stiffness in N.m/radian
Kt
n non dimensional angular stiffness

Kn non-dimensional dynamic stiffness coefficient

L radial length of the thrust pad, m
N angular speed of the runner, rp
P non-dimensional pressure¼ph2/mU

P pressure matrix in Reynolds’ equation
R non-dimensional radius, r/ro

Rcp radial coordinate of the center of pressure, M
T lubricant temperature, 1C
U, V velocity along and normal to surface, m/s
W load on bearing, N
X x-coordinate of the center of pressure
Xp pivot distance
Z number of pads
b angular extent of the thrust pad
g film thickness ratio
m viscosity of oil, Pa s
m non-dimensional viscosity
y angle from the leading edge, radian
ycp angular location of the center of pressure, radian
r density of oil, kg/m3

o angular speed of the runner, radian/s
Dr division on the grid along radial direction, m
Dv volume of an element of the grid, m3

Dy angular division of the grid, radian
Dx differential displacement, m

Table 1
Thrust bearing geometry and properties.

Description Quantity

Outer diameter (m) 1.275

Inner diameter (m) 0.75

Number of pads 6

Thickness (mm) 40

Groove width (mm) 84

Number of springs –

Operating Conditions
Load (MN) –

Rotational speed (rads/s) 14.28

Oil pot temperature (1C) 40

Oil Properties
ISO grade –

g (cSt) at 40 1C 73

g (cSt) at 100 1C 10.7

r (g/m) at 15 1C 0.861

Pad Material Properties
Young’s modulus (GPa) 195

Poisson’s ratio 0.29

Thermal Properties
Thermal expansion/1C 12.2�10

Thermal conductivity (W/m-K at 10 1C) 42.6

Specific heat (J/kg-K) 473

Heat transfer coefficient for inner surface 6.015e-4

Heat transfer coefficient for outer surface 30e-6
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Li and Qing [12] derived the equations of film thickness, pressure
and temperature in thrust bearings with tilting pads. Algebraic
expressions were set up for film force and moment applied on the
pads. The transient thermo hydrodynamic lubrication performance
of the bearings was studied. The decrease of film thickness caused
by enhancing load made the film temperature rise gradually. While
the load was enhanced gradually the leaning angle of the pad
became greater. Dadouche et al. [13] analyzed the performance of a
hydrodynamic thrust bearing with eight fixed pads. A comparison
between numerical results and experimental data obtained by a
thermo-hydrodynamic model was presented. The analysis of the
oil supply temperature, applied load, rotational speed on the thrust
bearing performance characteristics such as temperature field, mini-
mum film thickness, leakage flow, and power loss were discussed.
William et al. [14] optimized pivoting positions in the radial and
circumferential directions of tilting pad thrust and radial bearings.
Hydrodynamic principles were used in the design of tilting pad
bearings utilized in mechanisms carrying shaft thrust or radial loads.
Minimum film thickness for a given running condition of velocity,
viscosity, temperature, bearing geometry and loading forces was
calculated. The minimum fluid film thickness from the pressure
distribution in the load-carrying analysis was solved using a simpli-
fied Reynolds’ equation derived in one-dimension and applied in two
dimensions. Jiang et al. [15] analyzed the effects of elastic deforma-
tion of pad surface, rotational speed, axial load and oil viscosity grade
on tilting pad thrust bearing performance using the model of TEHD
lubrication. The film thickness, Reynolds’, viscosity–temperature,
energy, heat conduction and elastic deformation equations were
simultaneously solved. Results showed that the maximum pressure
is reduced and the minimum film thickness is decreased when pad
deformation is taken into account. The rotational speed has signifi-
cant effects on film temperature and thickness. The heavier load
leads to an increase in the maximum pressure and a decrease in the
film thickness. The oil film with higher viscosity grade has a higher
load-carrying capacity and consumes much more energy than that of
a low viscosity fluid.

2. Reynolds’ equation

The following assumptions are made in the analysis:

1. Steady-state conditions exist in the oil film.
2. The lubricant is incompressible.
3. The lubricant is Newtonian.
4. Flow in the convergent wedge is laminar.
5. Pressure and shear effects on the viscosity are negligible.
6. Variation of the specific heat and density with pressure is

negligible.
7. Wherever the oil film becomes divergent due to crowning or

thermo-elastic distortion, cavitation is taken into account, by
making pressure equal to zero, wherever its value is negative.

The analysis of hydrodynamic thrust bearings have been based
on the Reynolds’ equation for the pressure distribution. With the
increase in capacity of computers, numerical models including
the influences of viscosity variations along and across the lubri-
cating film have been developed.

The temperature of the runner along its runner surface varies
much less than the temperatures in the thrust pad active face. The
temperature of the runner varies by less than 1 1C and the tempera-
ture along thrust pad rises by 15–20 1C as referred in [16]. Values of
viscosity obtained from the temperature field in the oil film are
substituted in the Reynolds’ equation, to determine the pressure
field. In load estimation the pressure ‘fitting’ at the edges is made
more appropriate to suit realistic condition shown in [17].

The Reynolds’ equation for a sector-shaped thrust segment for
incompressible lubricant, under steady state condition is given in
Eq. (1):
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The Reynolds’ equation in non-dimensional form is as shown
in Eq. (2):
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As compared to the above form of the equation, better
numerical accuracy can be obtained, if all the first derivative
terms in the equation are converted into second derivative terms.
Adopting this procedure the following Eq. (3) is obtained.
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3. Energy equation

Dowson and Hudson in [18] conceptually developed the
foundation for thermo-hydrodynamic lubrication. Abdel-latife in
[19] and Ashour and El-Butch in [20] fully or partly considered
thermo-elastohydrodynamic theories in their study. The genera-
tion of heat lowers the effective oil film viscosity and results in
the decreased load capacity. The energy equation governs the
heat generation and transport of oil. The energy equation for
laminar flow and incompressible lubricant is given in Eq. (4) as
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The Vogelpohl–Cameron equation in [21] given below in Eq. (9)
shows the variation of viscosity with temperature. It is an empirical
relation with minimum deviation from observed variation of visc-
osity with temperature. Two viscosity measurements at tempera-
tures T1¼40 1C and T2¼100 1C for the oil under consideration are
needed to determine the two constants m0 and A. The value of A is

A¼ ðT1þ95ÞðT2þ95Þ log
m40=m100

T2�T1

� �
ð8Þ

m¼ m0eA=ðTþ95Þ ð9Þ

It is incorporated in the iteration process.

4. Hot oil carry-over effect

The lubricant entering the wedge at the inlet edge is heated up
to some extent by the hot runner in the inter-pad space. Further
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this lubricant consists of some oil pre-heated in the preceding pad
and some oil from the bath to make up for the oil lost due to side
leakage. Thus, the actual inlet temperature in the oil film is at a
higher temperature compared to the bulk oil temperature. Ettles’
presented the following Eq. (10)

Tout ¼ TsupþDT
2�k

2�2k

� �
ð10Þ

where Eq. (11) gives the value of k as

k¼
Tin�Tsup p

Trun�Tsup p
ð11Þ

k is assumed in the study to be¼0.83

Tin ¼ Tout�DT ð12Þ

Thus once the temperature of the bulk oil in the housing is
known and the temperature rise calculated, the inlet temperature
as in Eq. (12), the outlet temperature and the runner temperature
can be calculated.

5. Deformation of pad

The element used to mesh the pad thermo-structural deforma-
tion model is the hexahedral Solid 226 element. The Solid 226
element has the following structural–thermal capabilities. It has
up to twenty nodes with up to five degrees of freedom per node.
Structural capabilities are elastic only and include large deflection
and stress stiffening.

Its geometry, node locations, and coordinate system are shown
in Fig. 1. In both the above two types of elements the units are
specified through the EMUNIT command. The nodal loading for
these elements depends upon the KEYOPT (1) function value.
Nodal forces are input per unit of depth for a plane analysis. The
KEYOPT (1) function determines the element DOF set and corre-
sponding force. It is set equal to the sum of the field keys. For
example, KEYOPT (1) set to 11 is for a structural–thermal analysis
(structural field KEYþthermal field key¼1þ10).

The torsional stiffness values of the film are calculated based
on the obtained pressure profile taking viscosity variations of the
lubricant and structural deformation of the pad into considera-
tion. The renewed nodal film thickness is equal to the sum of the
original film thickness plus the corresponding nodal deformation.

6. Computational procedure

Solution of the Reynolds’ equation using finite difference dis-
cretization of the thrust pad is done by considering a total of 81
nodes in the form of a grid as shown in Fig. 2. The Reynolds’
equation is a non-homogeneous partial differential equation of two
variables for which closed form analytical solutions are not avail-
able. The use of finite difference methods for a numerical approx-
imation of this partial differential equation is discussed in [22].

The finite difference equation is derived by approximating the
derivatives in the differential equation via the truncated Taylor series
expansion for three successive grid points. The central difference
from where the values of the function at adjacent nodes on either
side are required to evaluate the derivatives is used. Writing the
Reynolds’ equation in the finite difference form as in Eq. (13) results
in a set of linear algebraic equations, which can be transformed into
matrix form and solved simultaneously by available subroutines.

This yields the non-dimensional pressure at each node.
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The calculation procedure uses these pressures along with
numerical methods for integration to obtain the load capacity,
radial and angular location of center of pressure. Fig. 3 shows the
location of the center of pressure on the thrust pad. This yields the
non-dimensional pressure at each node.

Solution of the energy equation is also set up in finite differences.
The propagation method is used to solve the equation in view of its
first order. The initial temperature at the leading edge is specified so
that successive values of the downstream temperature are marched
out in the flow direction. In this procedure, taking hot oil carry over
effect into consideration the temperature distribution is obtained in
a single sweep. As the energy Eq. (4) depends upon the pressure
gradient, it is solved simultaneously with the Reynolds’ equation
using the same grid. In the energy equation on incorporating the

Fig. 1. Solid 226 element geometry. Fig. 2. Discretization of pad for the Reynolds’ equation.
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Vogelpohl–Cameron equation the temperature varies along the flow
of the lubricant as shown in Fig. 8. The initial values of uniform
temperature and viscosity distribution are used to solve the Rey-
nolds’ equation. qr and qy are determined from Eqs. (5) and (6).
Eq. (4) is solved for T(r,y) and hence m(T). Reynolds’ equation is then
resolved for pressure using the new distribution for viscosity. This
iterative scheme converged quickly.

A finite element analysis of the structural and coupled thermo-
structural deformation of the thrust pad is done using ANSYS. In
pre-processing the cross-sectional geometry, material properties
and load data as given in Table 1 are input. The solid model
development and the problem meshing is the first step in the
analysis. For the solid model creation there are different possibi-
lities. The ANSYS software is used in this case. The problem
symmetry should be used to the extent possible so as to decrease
the physical dimension and use the smallest mesh-size for the
given computer capacity. The model is created in ANSYS using key
points in the axis co-ordinate system, joining consecutive lines,
creating areas operating and extruding about the axis. After
creation the pad model is meshed using the plane 42 and Solid
226 elements for the plane structural and coupled fields, respec-
tively, and simulated.

The pressure and temperature values at the pad bottom
surface element nodes are identical to and obtained from the
nodal solution of the Reynolds’ and energy equations. Inputs in
the coupled field analysis apart from the material properties
include thermal properties of the material including thermal
conductivity, specific heat and density of the material as given
in Table 1. For the plane structural deformation case, there are
8 plane 42 elements in the radial and 8 in the circumferential
direction to a total of 64 elements in the plane grid. The 3-dimen-
sional size and shape of the plane 42 element grid is visible by
switching on the display and the element function.

For the coupled thermo-structural deformation the elemental
plot of the pad is displayed in Fig. 4. There are 8 elements in
radial, 8 in circumferential and 8 along thickness to a total of 512
hexahedral Solid 226 elements in the deformation function.

Using the axis symmetric boundary condition pressure and
corresponding structural load are applied on the area A2 at the
bottom surface of pad as per Fig. 5.

(2) The convection from the areas A1, A5, A4 and A6 as shown
in Fig. 5 where in the bulk temperature is 40 1C and convection
film coefficient value is 4e6 is considered. The area A6 is affected
by hot oil carry-over.

(3) The heat flux values for the elemental nodes of the bottom
surface of the pad are obtained from the solution of the energy
equation.

(4) Radiation heat transfer from the pad is not considered.
To view results for deformation the current load system

functions of plot results, counter plot nodal solution and dis-
placement vector are chosen.

7. Governing equations

Fig. 6 shows two different pad tilt positions 1 & 2 and corre-
sponding film shapes for which torques are calculated. Referring to
Fig. 7 we have the initial value of

a¼
hi

ho
�1 ð14Þ

For the case under consideration the value of hi is constant and
ho is varied by 20%, 15%, 10%, 7%, 5%, 2%, 1%, 0.5%. The correspond-
ing values of ‘a’ are calculated using the formula in Eqs. (15) and
(16). The mean film thickness at the center of the pad is constant

Fig. 4. Elemental plot of the pad.

Fig. 5. Areas for applicable loads.

Fig. 6. Pad showing 1, 2 positions for torque calculation.

Fig. 3. Thrust pad showing center of pressure.
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so that the load is kept constant

a0 ¼
ðahoþhoDhoÞ

ho�hoDho
ð15Þ

a0 ¼
ðaþDhoÞ

1�Dho
ð16Þ

where Dho¼% of ho increased at leading edge.
The angular stiffnesses of the film pertaining to the 2–1 pair

are calculated as follows:
For each variation of ho, the following values are calculated. X

is the x-coordinate of the center of pressure of the film shape
under consideration.

B¼ Rcp � Beta

X ¼ r sinðy�ycpÞ to obtain

KT ¼
W1XB

aðho2�ho1Þ
ð17Þ

Substituting as per Eq. (18) load capacity

Wn
¼

Who3

BL2Umef f

" #
ð18Þ

as in [23] in place of W in the following Eq. (19)

KT ¼
WXB

aho
ð19Þ

By rationalizing the non-dimensional angular stiffness
Kn

T of the film to a dimensionless number we obtain it in Eq.
(20) as

Kn

T ¼ KT
hO2

B2L2Um

" #
ð20Þ

8. Results and Discussions

To ensure numerical accuracy, the pressure distribution
as shown in Fig. 8 satisfies the 0.1% convergence limit. The result
for temperature distribution in the oil film for a conventional
pad is shown in Fig. 9. The maximum temperature is at the corner
of the trailing edge and the outer radius. The temperature
contours near the trailing edge and the inner radius is bent
forward, which shows less temperature rise. The temperature
variation along the left half of the pad is less when compared to
the right half.

Fig. 10 below shows the pad indicating the extent of struc-
tural-thermal deformation due to pressure and thermal gradient,
which amounts to 0.704E-3 mm.

Likewise Fig. 11 shows the plane structural deformation of the
pad. For the plane-structural analysis deformation of the pad for

the given parameters is equal to 0.726e-3 mm. The renewed film
thickness is the sum of the original nodal film thickness plus the
corresponding nodal deformation of the pad, which tantamounts
to 0.836e-3 mm.

Fig. 8. Pressure distribution in the oil film of a flat pad.

Fig. 9. Temperature distribution in the oil film of pad.

Fig. 7. Pad showing inlet and outlet film thickness.

Fig. 10. Pad structural-thermal deformation.
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The non dimensional dynamic stiffness Kn values are got using
Eq. (21) corresponding to % ho variation for the 2-1 pair

where Kn
¼

DW 0

DX

h3
min

BL2Umef f

" #
ð21Þ

Fig. 12 shows the plot where the values of K* tend to converge
asymptotically to one value for variation of % ho. DW and Dx

values are obtained by taking the difference of W and x values for
a particular combination pair and ho variation.

The significance of Eqs. (16) and (20) lie in the fact that since the
non dimensional torsional stiffness of a single pad can be expressed
by ho1, ho2 and KT for % variation of ho from 5 to 20 it is unnecessary
to calculate the characteristics of all the pads. When the character-
istics of a single pad under a series of parameters ho1, ho2 and KT are
obtained the variation is in the form of an asymptotic curve. With an
increasing level of perturbation in ho1 and ho2 in the denominator of
Eq. (16) the value of Kn

T decreases and converges at 20% ho variation.
The characteristics of other pads can be calculated by substituting
the relevant parameters in the formula.

The torsional stiffness of one pad is recalculated into the axial
stiffness of the bearing using Eqs. (19) and (20).

A database for the characteristics of the pads can be developed
with help of Eq. (19). The characteristics of all the pads can be
obtained by interpolation based on the database. It is unnecessary
to solve the perturbed Reynold’s equation with respect to pres-
sure and ho1, ho2.

Fig. 13 clearly shows the variation of non dimensional angular
stiffness with the type of pad deformation for increasing percen-
tage variation of film thickness. The value of Kt

n converges
asymptotically as the % ho increases from 0.5 to 20%. There is a
big difference in KT

n values between a pad, which does not take
deformation into consideration and one, which takes either plane
structural or coupled thermo-structural deformation calculated
using the above FEM method. This underlies the importance of
pad deformation in large hydro-generator thrust bearings. The
difference between angular stiffness values between the two types
of deformations considered is not large and the structural deforma-
tion produced marginally higher KT

n values than the coupled field
deformation.

9. Conclusions

In order to select thrust bearings compatible with the given
operating conditions, first accurate performance characteristics such
as bearing metal temperature, load capacity, film thickness, stiffness
coefficient among others are to be determined. Two dimensional
Reynolds’ equation is modified and a finite difference based solution
procedure for finding pressure values is written and verified. Numer-
ical integration to these pressure points gives the load. The viscosity
variations and corresponding temperature distribution in the trans-
port of the lubricant are taken into consideration for the determina-
tion of the film torsional coefficients. The structural deformation of
the pad is considered and determined using a three dimensional FEM
model using ANSYS. Fast computational routines are developed to
evaluate the angular stiffness coefficients taking pad deformation into
consideration. Torques and oil film shape parameters, for ho variation
from 0.5 to 20% for 2-1 pair are calculated. The governing equations
for angular stiffness pertaining to the 2-1 pair are formulated and
verified. The values of Kt

n and Kn converge asymptotically as the % ho

increases from 0.5 to 20%. Also the significance of interpolating the
characteristics of all the pads from the torsional coefficients of one
pad is discussed. When compared with earlier studies the basic
difference is in the dynamic analysis of the oil film, which is subjected
to flutter of the thrust segment. In addition to the linear stiffness and

Fig. 12. Percent variation of ho vs. dynamic stiffness.

Fig. 13. Non-dimensional angular stiffness variation.

Fig. 11. Front view of pad structural deformation.
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damping study as in [24] study of angular stiffness and damping
coefficients has been done. This analysis will also be useful for
bearings in vertical motor and condensate extract pumps.
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